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ABSTRACT
The paper deals with experimental investigations of flow boiling in tubular ducts of selected 
refrigerants: R134a, R507A, and R600a under near critical pressure. Near critical boiling 
is characterised by low enthalpy of evaporation. The positive effect of this feature 
is the fact that only small amount of heat consumed by ORC cycle is at constant 
temperature. This allows to achieve lower terminal temperature of the heating fluid and more 
effective utilization of heat source, especially of low-grade heat sources. The testing 
rig as well as measurement procedure are presented. Heat transfer coefficient was measured 
by means of separation of thermal resistances and application of the modified Wilson plot 
technique for the calibration of the testing stand. Selected results of heat transfer coefficient 
versus heat flux density are presented. Results of experimental data were compared 
to heat transfer correlation of Gungor-Winterton which gives the best fit of obtained 
experimental data. Own modification of this heat transfer correlation was proposed.

1. INTRODUCTION
Organic Rankine Cycles (ORC) enable cost efficient power generation from low-grade heat 
sources by replacing water with organic working fluids such as various synthetic refrigerants 
or natural fluids, e.g. hydrocarbons. ORC systems use low-grade heat from various sources 
such as biomass, geothermal water, solar and waste heat of industrial processes. ORC 
is also regarded as a very suitable method to recover the waste heat of internal 
combustion engines. The main differences between the ORC and the conventional Rankine 
cycle are the working fluid and operating pressures and temperatures. Therefore, 
the operating performance of an ORC system depends mostly on the properties 
of the working fluid. However, design and operating characteristics of the cycle are also 
important. A suitable fluid for an ORC system should have favourable physical, 
environmental, safety, and economic properties. It is also desirable that working fluid 
circulating in ORC system should consume as much heat as possible which requires 
large temperature drop. This can be done by means of such configuration of the system 
where the working fluid is heated using minimum ratio of latent heat during evaporation 
process, i.e. the latent heat should be minimised as possible. The discussed conditions 
are possible in the vicinity of the critical point as it is shown in Fig. 1.

Thermodynamic properties, and especially thermokinetic properties are changing 
substantially even with insignificant change of pressure or temperature  under near-critical
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point. The latent heat of evaporation and liquid density in near critical point decrease more 
quickly than in lower-pressure areas, resulting in unique boiling heat transfer behaviour. The 
surface tension and density difference between saturated liquid and vapour phase gradually 
decrease with an increase in saturation pressure, and as an effect the bubbles diameters 
become smaller under high pressure conditions. The generated bubbles are reduced 
and easily fractured, meanwhile the vapour density get heavier, potentially leading 
to an assembled vapour blocks, Howell (1999).

Figure 1: The most advantageous shape of the ORC cycle
ensuring maximum available heat source thermal capacity

There should be also taken into account that numerous flow boiling heat transfer correlations 
have been proposed for low and medium saturation pressures that may be used as a basis 
for prediction of heat transfer for high saturation pressure conditions, Ye et al. (2022), 
Parahovnik (2022). However, there is still a clear need to analyse applicability of these heat 
transfer correlations under near-critical conditions especially for natural working fluids 
as the most perspective working substances. Lei et al (2018) defined the neat critical 
region as 0.85pcr - pcr.  The above is a motivation for the own experimental investigations 
of flow boiling in tubular channel under near-critical pressure. The heat transfer coefficient 
measurement methodology based on indirect technique is presented. Isobutane (R600a) 
and two synthetic refrigerants R-134a and R-507A as working fluid with very well 
recognised thermokinetic properties under near-critical pressures have been selected 
for the investigations.

2. APPARATUS AND METHODOLOGY
2.1. Testing stand

The test facilities were designed and built specially for the purpose of these investigations. 
The testing loop was modified and instrumented for used refrigerants as test fluids in order 
to perform experiments under conditions of high operating pressures. The schematics 
of the experimental apparatus with the tested heat exchanger applied is shown in Fig. 2 
and the main components of the stand are listed in the figure description.
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Fig. 2. Schematic of the experimental stand: 1 – electric heater, 2,9 – glycol circulation pump, 
3,5,11 – Coriolis mass flow meter, 4 – refrigerant circulation pump, 6 – test heat transfer 
section, 7 – control valve, 8 – condenser, 10 – fan cooler, 13 – auxilary heat exchanger 

The system consists of three loops: refrigerant loop, liquid cooling loop, and liquid 
heating liquid loop. The test heat transfer section consisted of six tube-in-tube type 
exchangers length Lc = 528 mm connected in series as it is shown in Fig. 2. Detailed 
geometry of the test section is presented in Fig. 3. Photo of the entire test section 
is presented in Fig. 4. Each of tube-in-tube heat exchangers was equipped with pressure 
and temperature sensors. The test section was made of copper. The liquid refrigerant 
undergo boiling process in the inner tube while the heated thermal oil (propylene glycol) 
flows through the annulus. The diameter of the inner tube is d1c = 12.0 mm, the diameter 
of the outside tube is d2c = 22.0 mm, both inner and outer the tubes wall thickness 
is 1.0 mm. In the heating liquid loop the electric heater of 20 kW and 40 kW were used. 
The condenser cooling system was equipped with automatically controlled fan cooler. 
In both loops propylene glycol was used as the working fluid. Additionally both loops 
are equipped with the liquid pumps supplied with the frequency converters. This allows 
for adjusting of the refrigerant flow rates as well as for varying of thermal parameters 
in a wide range. Both systems are fully instrumented with transducers for measurement 
of temperatures, pressures and flow rates. The design of the entire testing rig allows 
to maintain all test parameters precisely within a specific range. The test-stand 
was equipped with temperature sensors and pressure transducers installed in the critical 
locations and other locations of interest. Additionally, sight-glasses were installed 
at various locations to observe the flow pattern. For all data acquisition, a modular system 
with low-noise chassis and dedicated amplifiers connected to high-speed multifunction 
DAQ installed in the PC was used. The computer uses a dedicated software that  
is capable to receive on-line data from the NIST data base. 

2.2. Methodology of measurement of heat transfer coefficient 
The surface heat transfer coefficient for flow boiling inside tubes of the heat 
exchanger section was determined by means of separation of the heat transfer resistances. 
The boiling surface heat transfer coefficient was determinate on the basis of the overall 
heat transfer coefficient k measurement, and measured of the convective surface heat 
transfer coefficient for heating fluid (glycol) side. The overall thermal resistance is: 

1 1 1
t

i o

R
k  
   , Eq. (1) 

where: k is overall heat transfer coefficient, αi, αo are surface heat transfer coefficients for 
boiling liquid inside the tube and heating fluid (glycol) in the annulus, respectively, Rt  
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is thermal conductivity resistance of the tube material. Heat flux transferred from the 
heating glycol was calculated as follows: 

( )g g g go giQ m c t t    , Eq. (2) 

where: gm is mass flow rate of glycol, pc is average specific heat of glycol, and git , got  
are glycol temperatures at heat exchanger inlet and outlet, respectively. All of these 
quantities were measured. The overall heat transfer coefficient k  was calculated from 
the following formula: 

g

w m

Q
k

A T



, Eq. (3) 

where ΔTm is logarithmic difference of temperatures between boiling fluid and heating glycol 
at the heat exchanger inlets and outlets, Aw is the heat transfer surface area. 
Average temperature of boiling liquid was calculated as saturation temperature 
corresponding of the measured average static pressure inside the test heat exchanger 
section.  

The indirect measurement method based on Wilson plot technique for surface heat transfer 
coefficient αo for heating fluid (glycol) was applied. In this method none direct measurement 
of the tube wall temperature (inside or outside of the tube) is not required. The 
wall temperature should be determined on the basis of simultaneous determination 
of heat transfer coefficient. The average wall temperature on the glycol side 
was estimated as follows: 

0.023
g

wo gm
wo go

Q
t t

A
 


, Eq. (4) 

where tgm is the logarithmic average glycol temperature in the test heat exchanger section, 
and for the turbulent and transient flow the coefficient Ψgo is defined as follows: 

0.80 0.40Re Prg
go g g

gcD


    . Eq. (5) 

Heat transfer coefficient for glycol αo was therefore determined using the following formula: 

o o oC   , 

and 
0.14

( )
( )

g gm
o go

g wo

t
t





 
     

 

. Eq. (7) 

The coefficient Co is the first unknown constant parameter that should be obtained 
on the basis of the experimental data. Analogically, the average wall temperature 
at the evaporating liquid side inside tube was estimated from the following equation:   

0.023
g

wi rm
wi ri

Q
t t

A
 


, Eq. (8) 

where trm is the logarithmic average refrigerant temperature in the test heat exchanger 
section. The coefficient Ψri,t is defined assuming the turbulent and transient flow of one phase 
fluid with application of Sieder and Tate heat transfer correlation [8]: 

0.80 0.40
, Re Prrl

ri t r r
iD


  . Eq. (9) 
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In the case of laminar flow inside the test tube section well known heat transfer correlation 
for laminar flow proposed by Sieder and Tate [25] was applied: 

0.33

0.015 Re Pri i i
i r r

r

D DNu
L





 
   

 
. Eq. (10) 

Therefore for laminar flow the following coefficient was applied: 
0.33

, Re Pr ir
ri l r r

i

D
D L
  

   
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. Eq. (11) 

The surface heat transfer coefficient for inside tube wall αi is: 

i i iC   , Eq. (12) 

and 
0.14

( )
( )

r rm
i ri

r wi

t
t





 
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 
, Eq. (13) 

where ri = ri,t for turbulent flow, and ri = ri,l for laminar flow. 

Note that in this case there is necessary to carry out the dedicated measurements with 
single phase flow of refrigerant inside the tube. This part of the experimental investigations 
may be thought as a calibration tests due to which heat transfer coefficient for the heating 
fluid side (glycol) should be identified. The discussed calibration measurements were 
carried out with using liquid subcooled refrigerant R134a.   

Basing on the above considerations, eq. (1) can be transformed into the following form:  

1 11 wo o wo
t o i o

wi i wi

A AR C C
k A A

  
       

 
. Eq. (14) 

The thermal resistance of the tube was calculated as: 

t i
t

t m

DR
D




  . Eq. (15) 

Using linear regression the parameters Ci and Co can be calculated. Assuming the following 
notation:  

1 wo
t o

i wi

AY R
k A

 
   
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, Eq. (16) 

and 

o wo

i wi

AX
A


 


, Eq. (17) 

the following linear relationship was obtained: 
1 1

o iY C C X   . Eq. (18) 

The constants Co and Ci were determined on the basis of the reference measurements with 
single phase flow of subcooled liquid refrigerant R-134a inside the tube, and heated 
glycol flow in the annulus. In these experiments the obtained coefficient Co was 
applied for calculations of surface heat transfer coefficient for glycol side.   
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The main part of the experimental investigations were carried out for the conditions 
of the boiling process inside tube. Having the coefficient Co for glycol flowing in the annulus, 
it is possible to apply eq. (6) and eq. (7) for calculation of the surface heat transfer coefficient 
αo for glycol. The surface heat transfer coefficient for boiling refrigerant inside tube was 
calculated therefore from eq. (1).  

2.3. Calibration results 

Since the modified Wilson plot technique was used in calculation the results of linear 
regression were shown in Fig 3, in which coordinates Y and X were calculated using eq. (16) 
and eq. (15), respectively.  

Figure 3: Experimental results of linear regression for calculation of parameters Co 
by means of modified Wilson plot technique for turbulent flow of heating glycol 

Table 1. The coefficients Co and Ci obtained from the reference measurements 
heating glycol flow coefficient value 

laminar Co/0.015 0.93133 

turbulent Co/0.023 1.16479 

In Table 1 the coefficient Co and Ci obtained from experimental data were shown. 
The constant coefficient Co is the basis for calculation of the glycol side surface heat transfer 
coefficient αo. 

3. EXPERIMENTAL RESULTS

The experimental investigations covered the measurement of the average heat 
transfer coefficient for refrigerants R-134a, R-507A and R-600a under conditions of various 
levels of pressure at the inlet to the tested heat transfer sections. The experimental runs 
heat flux density 0.6 to 7.0 kW/m2 and mass velocity 60 to 200 kg/(m2

s). The measurement 
approach presented in Section 2.2 was applied for each tube-in-tube heat transfer section. 
Therefore, the obtained results may be thought as a kind of local surface heat transfer 
coefficient. Local two-phase quality of the two-phase flow was determined on the basis 
of the energy balance of each tested heat transfer section of the tubular heat exchanger.  
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The tests conditions are presented in Table 2. The selected results of single series 
for each type of investigated refrigerants are presented in Fig. 4.  

Table 2. Parameters of the experimental investigations of boiling heat transfer 

refrigerant R134a 
Reri × 103 2.38-9.67 4.62-16.3 7.09-14.4 5.78-16.0 

p/pcr 0.72 0.75 0.80 0.84 
refrigerant R507A 
Reri × 103 1.75-14.5 3.71-9.87 0.89-15.3 -- 

p/pcr 0.77 0.82 0.85 -- 
refrigerant R600a 
Reri × 103 2.07-9.23 5.37-15.9 8.70-40.6 -- 

p/pcr 0.72 0.82 0.87 -- 

As it is seen from the presented results maximum heat transfer coefficient was obtained 
for the investigated cases at the two-phase quality approximately 0.4 while for significantly 
lower pressure the maximum heat transfer coefficient for flow boiling is observed at the local 
quality app. 0.7 ÷ 0.8. Heat transfer coefficient for quality of two-phase flow higher than 
0.4 scarcely depends on the quality. The observed effect of shift of quality at which there 
is observed maximum heat transfer to significantly lower level may be explained as a result 
of the change of the thermokinetic properties under near-critical conditions. The surface 
tension and density difference between saturated liquid and vapour phase decrease with 
an increase in saturation pressure. Therefore, the bubbles diameters become smaller 
under high pressure conditions which is the reason of shifting of mist two-phase pattern flow 
to lower level of two-phase quality.  

  R134a   R507A 

 R600a 

Figure 4: Surface heat transfer coefficient αi vs. local quality for various mass flow rates: 
a) for refrigerant R134a, pressure ratio p/pcr = 0.84;
b) for refrigerant R507A, pressure ratio p/pcr = 0.83;
c) for isobutane R600a, pressure ratio p/pcr = 0.72.
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The authors tested several recommended in literature boiling heat transfer correlations 
provided in literature including correlations proposed by Chen (1966), Shah (1982),  Gungor-
Winterton (1986), Steiner and Taborek (1992) – see Thome (2010), Incropera, 
DeWitt (2007). On the basis of these investigations it may be concluded that 
the correlation of Gungor-Winterton (1986) gives the best fit values of the heat transfer 
coefficient. Gungor and Winterton proposed the following relationship: 

GW conv GW bC GWE S    . Eq. (19) 

The quantities applied in eq. (19) are as follows - convective heat transfer coefficient: 

0.80 0.400.023 Re Prconv l
iD


  , Eq. (20) 

and pool boiling heat transfer coefficient according to Cooper [27]: 
0.12 0.55 0.50 0.6755 ( log )bC R Rp p M q    , Eq. (21) 

where pR is reduced pressure p/pc, M - molar mass, q – heat flux density. The two-phase 
convection multiplayer EGW is equal to: 

1.16 0.861 24000 1.37GW ttE Bo X    , Eq. (22) 

and boiling suppression factor SGW is given as follows: 
16 2 1.171 1.15 10 ReGW GWS E


     . Eq. (23) 

Boiling number Bo is defined as follows: 

(1 )fg

qBo
h G x




. Eq. (24) 

Fig. 6. Comparison of own heat transfer correlation, eq. (25) with correlation of Gungor and 
Winterton, eq. (19) with experimental data of heat transfer coefficient vs. heat flux density q for 

various mass flow rates and two-phase qualities 
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The original heat transfer correlation proposed by Gungor-Winterton overpredicts 
surface heat transfer coefficient for low heat fluxes and underpredicts heat transfer 
coefficient in comparison with experimental data for high heat fluxes, see Fig. 9. 
Therefore, the authors propose the following modification of this correlation elaborated for 
all tested refrigerants: 0.016exp 45.8(1 )cor GW mBo       , Eq. (25) 

where modified boiling number is defined as follows: 

'
' "

k
m

fg

qlBo
h



 
 , Eq. (26) 

and capillary constant is defined as: 

( ' ")kl g


 



. Eq. (27) 

Comparison of proposed modified heat transfer correlation, eq. (25),  with predictions based 
on the original Gungor – Winterton correlation, eq. (19), and experimental data is presented 
in Fig. 10. The coefficient of determination for the entire experimental data for proposed heat 
transfer correlation is D = 0.51. It is seen that the proposed correction significantly improves 
prediction of heat transfer coefficient for the lowest and highest heat flux densities. 

4. CONCLUSIONS

The measurement procedure for local heat transfer coefficient for flow boiling of selected 
working fluids dedicated for ORC cycle was presented. Heat transfer coefficients 
were determined by means of separation of the thermal resistances. However, 
the calibration procedure of the tested heat exchanger with the measurements sections 
by means of the modified Wilson plot technique was applied.  

The selected experimental results of surface heat transfer coefficient are presented for three 
tested fluids, i.e. R-134a, R-507A, and R-600a. It may be concluded that the maximum  heat 
transfer coefficient occurred at the two-phase quality approximately 0.4 for all of the tested 
fluids under high pressure conditions. The two-phase quality at which it is observed 
maximum heat transfer coefficient under low and moderate pressures is significantly 
higher quality, app. 0.7-0.8, at which mist two-phase flow pattern occurs. Shift of 
quality of maximum heat transfer coefficient may bed thought as a result of thermokinetic 
properties change under near-critical pressure conditions. The above may 
be thought as a characteristic feature of the boiling process under near critical 
conditions that required preparation of own heat transfer correlation based 
on modification of well known Gungor – Winterton correlation. Proposed modified heat 
transfer correlation improves prediction accuracy especially under lowest (up to 
3 kW/m2) and highest  (over 7 kW/m2) heat flux densities for all of tested fluids.  
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